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Abstract6
A model is developed for an existing organic Rankine cycle (ORC) utilizing a low temper-
ature geothermal source. The model is implemented in Aspen Plus® and used to simulate
the performance of the existing ORC equipped with an air-cooled condensation system. The
model includes all the actual characteristics of the components. The model is validated by
approximately 5000 measured data in a wide range of ambient temperatures. The net power
output of the system is maximized. The results suggest different optimal operation strategies
based on the ambient temperature. Existing literature claims that no superheat is optimal for
maximum performance of the system; this is confirmed only for low ambient temperatures. For
moderate ambient temperatures (Tamb ≥ 1.7 ) superheat maximizes net power output of the
system. The value of the optimal superheat increases with increasing ambient temperature.
The optimal operation boosts the total power produced in a year by 9%. In addition, a simpler
and semi-analytic model is developed that enables very quick optimization of the operation of
the cycle. Based on the pinch condition at the condenser, a simple explicit formula is derived
that predicts the outlet pressure of the turbine as a function of mass flow rate of working fluid.
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Nomenclature
Latin
m˙air Mass flow rate of air in ACC (kg/s)
m˙WF Mass flow rate of working fluid (kg/s)
V˙ Volumetric flow rate (m3/s)
W˙ Power (kW)
Ao Total external surface area of root tube (m
2)
Atot Total external surface area of finned tube (m
2)
ACC Air-cooled condenser
Cairp Specific heat capacity of air (J/(kgK))
D Diameter of tube (m)
Db Bundle diameter (m)
f Friction coefficient
Fb Correction factor for thermosyphon-type circulation
Fp Pressure correction factor
ff Drive frequency of fan (rpm)
fp Drive frequency of pump (rpm)
G Mass flux (kg/(m2s))
GB Geothermal brine
h Specific enthalpy (J/kg)
hc Heat transfer coefficient (W/(m
2K))
hc,f Heat transfer coefficient of natural convection of liquid (W/(m
2K))
hfg Specific enthalpy of vaporization (J/kg)
L Length of tube (m)
LB Baﬄe spacing (m)
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NB Number of baﬄes
Ns Number of shells
NT Number of tubes
Nu Nusselt number
P Pressure (Pa)
Pc Critical pressure (Pa)
PT Tube pitch (m)
Pr Prandtl number
RD Fouling factor ((m
2K)/W)
Rcon Contact resistance ((m
2K)/W)
Re Reynolds number
s Specific entropy (J/(kgK))
T Temperature ()
t Thickness of tube (mm)
UD Overall heat transfer coefficient (W/(m
2K))
W Specific work (kJ/kg)
WF Working fluid
X Specific exergy (J/kg)
x Quality
Greek
∆Tp Pinch at the vaporizer ()
∆Ttu Superheat at inlet of turbine ()
ηs Isentropic efficiency of turbine
ηw Weighted efficiency of fin tubes
ηII,g Geothermal efficiency (Modified second law efficiency of cycle)
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ηII Second Law efficiency of cycle
ηI Thermal efficiency (First law efficiency of cycle)
κ Thermal conductivity (W/(mK))
µ Viscosity (Pas)
µw Viscosity at wall (Pas)
ρ Density (kg/m3)
Superscript
air air
L Liquid
sat Saturation
V Vapor
Subscripts
max Maximum
min Minimum
amb Ambient
b Boiling
i Inside
n Nozzle
nb Nucleate boiling
o Outer
pa Parasitic
s Shell side
sl Sleeve
tu Turbine
tub Tube
w Wall
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1. Introduction
Strategies for the sustainable energy development are based on efficiency improvement in
existing energy systems and the introduction of renewable energy sources instead of fossil fuel
ones [1]. Although the global contribution of renewable energy systems to the total energy
supply is small, due to their potential for sustainability, renewable energy sources have received
enormous interest in the last decade. Of particular interest are low and medium temperature
thermal energy sources due to their ubiquitous availability. This omnipresence and feasibility
of utilization in small-scale power cycles promote decentralized applications of these energy
sources. The organic Rankine cycle (ORC) is one of the promising cycles used to extract
thermal energy from various energy sources such as solar, biomass and geothermal [2–9].
A thermal energy resource can be characterized by four parameters: reservoir vs stream,
temperature (T), rate of energy transfer (Q˙) (size) and cost. The characteristics of a thermal
energy source affects the optimal choice of working fluid (WF) for an ORC (e.g. [10–20]).
Different objective functions have been used for WF selection, such as the ratio of net power
output to heat exchanger area (W˙net/A) [10], net power output (W˙net) [14, 19, 21, 22] and first
or second law efficiencies [7, 11–13, 16–18, 20]. Here, we focus on a binary system in which
the geothermal stream is in the form of a hot and pressurized liquid, referred to as geothermal
brine (GB). The geothermal stream provides thermal energy to the WF of an ORC through a
heat exchanger. For these geothermal sources, the first (or thermal) and second-law efficiencies
of the ORC can be defined as
ηI =
W˙net
Q˙GB
ηII =
W˙net
∆X˙GB
, (1)
where Q˙GB denotes the extracted thermal energy by the ORC from the geothermal stream and
∆X˙GB the exergy difference between the inlet and outlet geothermal streams. In addition to
the choice of WF, cycle configuration is another important factor for optimal performance. A
common enhancement to the standard Rankine cycle is incorporating an internal heat exchanger
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Figure 1: A schematic of two types of T-s diagrams are shown. Fluids such as water,
ammonia, Pentafluoroethane (R125), Methylene Fluoride (R32), Trifluoroethane (R143a),
Chlorodifluoromethane (RE125) are of B-types and fluids such as Octafluoropropane (R218),
Pentafluoropropane (R245fa), n-Butane (R600), Isobutane (R600a), n-Pentane (R601) and
Isopentane (R601a) fall in the category of O-type.
(recuperator) [23].
WFs are divided in two categories based on the shape of their saturation dome in the T-s
diagram: bell-shaped T-s (B-type or normal) which has negative slope of the saturation vapor
line for all temperatures (Fig. 1(a)) and overhanging coexistence T-s (O-type or retrograde)
which shows a positive slope of the saturation vapor line for a temperature range (Fig. 1(b))
[6]. Typically organic fluids composed of small molecules (Number of C atoms . 3) are mostly
of B-type and those consisting of complicated molecules (Number of C atoms & 3) are mostly
of O-Type.
Saleh et al. [6] have suggested different objective functions for choosing a WF for the ORC.
They have conducted a pinch analysis for heat transfer between the geothermal brine and WF.
Their analysis shows that if the depletion of a geothermal source is taken into account, maximal
first law efficiency of the cycle is desired; in contrast, if the outlet GB is discharged to a well,
maximum first law efficiency and the minimum outlet GB temperature simultaneously should
be taken into account. The minimum outlet brine temperature can be achieved by a second
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stage ORC.
Heberle et al. [13] have studied ηI and ηII of a binary geothermal ORC with a recuperator
with different WFs in the case of Tmin=15 , Pmax ≤ 0.9Pc assuming constant isentropic
efficiency for both turbine and pump. They have concluded that when ηI is the figure of
merit, Isobutane and R245fa are the most suitable WFs for TGBmax ≤167 and TGBmax >167 ,
respectively; when ηII is the figure of merit, two regions are specified. When T
GB
max ≤157 ,
R245fa is the most suitable WF and for higher temperatures of GB, Isobutane is the most
suitable one. Saleh et al. [6] have investigated the performance of various WFs in an ORC
(with and without a recuperator) with the power output of 1MW using the BACKBONE
equation of state. The specifications for the considered case are Tmin =30 , Tmax ≤100 ,
Pmax ≤ 20 bar, assuming constant isentropic efficiency of turbine and pump. For subcritical
cycles, they have calculated ηI of the ORC with various WFs and have concluded that for all
WFs, incorporation of a recuperator improves ηI of the cycle. Moreover, [6] shows that typically
O-type fluids offer higher values of ηI than B-type fluids (range of 9.2-14.4 %) because of the low
critical temperature and high critical pressure of the organic B-Type WFs. [6] reports that both
with or without a recuperator, superheating adversely affects ηI of an ORC with O-type WF.
Among the considered WFs, Isobutane, n-Butane, and Isopentane provide maximal ηI with low
values of volumetric flow rate through the turbine. Thus, these WFs are suitable candidates
for ORCs operating in a subcritical condition and Tmax ≤100 . At higher values of Tmax, n-
pentane and n-hexane become better options. Mago et al. [18] have studied the performance of
ORC for O-type fluids for the case of Tmin=25  and constant isentropic efficiencies of turbine
and pump. They have concluded that incorporation of a recuperator increases both ηI and ηII .
In addition, for both with or without recuperator configurations, higher values of superheat at
the inlet of turbine keeps ηI approximately constant and decreases ηII due to increase in the
irreversibilities.
In conclusion, in the open literature, for subcritical ORC utilizing a low temperature geother-
mal brine, a cycle with Isobutane and regeneration is considered as a suitable option. These
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studies provide a groundwork for further developments of geothermal systems. However, the
conclusions on the performance of ORC systems are based on some assumptions and simplifi-
cations that may not be satisfied in operating conditions. Thus, a comprehensive analysis on
the performance of an ORC is required by taking into account the limitations and performance
of the components before making conclusions that can be applied for operating systems with a
fixed design. Limitations on isentropic efficiency of turbines (ηs), performance characteristics
of pumps and condensation systems can heavily affect the performance of ORCs.
In the current work, a model is developed for an existing commercial ORC with regeneration
(using a recuperator) and working with Isobutane as its WF. The condensation system is of air-
cooled type. The model includes actual characteristics of all the components including pumps,
heat exchangers, turbines, and air-cooled condensers. The heat transfer rates and pressure
drop across each component are determined by correlations from the literature and validated
using Aspen Exchanger Design & Rating (EDR) models of heat exchangers. The model is
implemented in Aspen Plus simulator. The developed model is validated by an available set
of data. Optimization of the operation strategies of the ORC is performed by two approaches
maximizing W˙net: simultaneous multi-variable optimization of the cycle in Aspen Plus and
using a new developed approach implemented in EES (Engineering Equation Solver). The new
developed model is a fast and shortcut approach for the prediction of optimal operation, but
needs some inputs from Aspen Plus simulator. A complete analysis on the performance of the
ORC system is performed and new optimal operation strategies are proposed for these systems.
2. Model Development
As aforementioned, the focus of this study is a binary geothermal system utilizing an ORC,
shown illustratively in Fig. 2 along with the T-s diagram. Figure 3 shows a more detailed
flowsheet of the cycle considered, in particular illustrating the parallel units, e.g., turbines,
recuperators and condensers. The process is based on a Geothermal Power Plant operated by
ENEL.
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Figure 2: (a) A schematic of an Isobutane ORC with a recuperator is shown utilizing a low
temperature geothermal source. (b) The T-s diagram of Isobutane in the range of
temperature and pressure considered in the current study is presented. Since Isobutane is an
O-type WF, as shown, the outlet WF of the turbine is always in a superheated state. Note
that the inclination of step 6-1 in the diagram is caused by the pressure drop in the
condensers. (c) The h-s diagram of Isobutane in the range of extensive properties of the
considered system is shown.
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Figure 3: A schematic of the existing ORC in the power plant (ENEL) utilizing a low
temperature GB is shown. The inlet temperature and pressure of the GB are T=135  and
P=897 kPa. The WF, the GB and the air streams are depicted in blue (Solid line), red
(Dotted line) and black (Arrow), respectively. The system is equipped with three pumps, two
of them are constant frequency drive and one is VFD. Two recuperators are used in parallel
to preheat the WF. The GB flows through two heat exchangers, vaporizer and preheater, to
provide the thermal energy to the ORC. The WF is expanded in turbines each connected to a
separate condensation system. The condenser fans are designed as combinations of constant
and variable frequency drive systems.
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The ORC is modeled using Aspen Plus, a sequential modular flowsheet software. The
Equation Oriented (EO) approach in Aspen Plus is another option for the simulation and
optimization of a system. This approach in principle is more suitable for optimization, however,
in this work, due to the small number of optimization variables, the first approach is considered.
The RefProp database is used for the accurate determination of thermodynamic properties in
both simulation and optimization of the ORC resulting in relatively large convergence time.
In AspenPlus, the built-in unit operations in the software are used to represent the com-
ponents of the actual cycle. The schematic of the developed model in AspenPlus is the same
as the one shown in Fig. 3. Moving from left to right, the used models are: “Mixer” for the
accumulator tank, “Pump” for pumps A, B and C, “HeatX” for the recuperators, preheater
and vaporizer, “Compr” for the turbines and “HeatX” for the air-cooled condensers. Design
specifications and convergence loops are included in the model as discussed in Section 2.5.
The geothermal source can supply hot brine with the temperature of 135 and the pressure
of 897 kPa. Moving from left to right in Fig. 3, WF stored in an accumulator tank is split
into three lines. It is pumped to a high pressure by the three parallel pumps with potentially
different flow rates. Two of the pumps use constant frequency drives (Pumps B and C) and
one uses variable frequency drive (VFD)(Pump A). For a given drive frequency of a pump,
the outlet pressure of the pump depends uniquely on the mass flow rate. The combination
of constant frequency drive and VFD systems allows to adjust the mass flow rate and the
outlet pressure of the pump independently. For each of the three pumps, correlations between
the outlet pressure of the pump and the mass flow rates are obtained and included in the
model. The pressurized WFs from the pumps merge together followed by equal splitting to
two streams. These two streams flow to two parallel recuperators. The pressurized WFs are
on the shell side of the recuperators and superheated vapors exiting each turbine flow through
the tube bundles of the recuperators. Thus, the superheated vapors provide thermal energy to
the pressurized liquid WFs. The outlet WFs of the two recuperators then mix together and
enter to a preheater on the shell side. On the tube side of the preheater, the GB flows. In
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the preheating process, a portion of WF may vaporize as well. The preheated WF then enters
to the vaporizer on the shell side to go through a phase change process to the vapor phase.
The superheat value after the vaporizer is a degree of freedom (DOF). The GB flows through
tube sides of the vaporizer and then the preheater to provide the thermal energy to the WF.
The outlet GB of the preheater is fed back to the geothermal wells. The superheated vapor
phase is split equally into two streams before entering to the turbines. The turbines provide
the maximum isentropic efficiency at a specific volumetric flow rate and enthalpy drop of WF
across the turbine. The deviation from the maximum isentropic efficiency is discussed below.
The thermodynamic path of the current cycle is shown in Fig. 2. Since the WF (Isobutane)
is of O-type in the temperature range of this ORC, the outlet WFs of the turbines are in
superheated states. The superheated vapors flow through the tube side of recuperators to pass
some thermal energy to the liquid WF (regeneration). Then, each vapor stream flows to an air-
cooled condensing system (ACC). This type of condensation system is used in arid areas where
there is no water source available. However, in general, it offers lower efficiency compared to the
water-based condensation systems and its performance is affected significantly by fluctuations
of ambient temperature.
The ACC system is composed of two banks of 21 bays with three fans in each bay. Each
bank is serving one turbine. In each bay, the last fan is equipped with a constant frequency
drive and the two first are VFD. In other words, each bank includes two rows of VFD fans and
one row of constant frequency drive fans. The effect of ordering of the fans on the efficiency
of the cycle is examined and no measurable effect is found. In each bank, the frequency of
VFD fans in each row can be adjusted independent of the other row of VFD fans. As will be
discussed in the following, the frequency of the VFD fans and consequently the mass flow rates
of air can be adjusted to keep the outlet pressure of the turbines constant. The WF stream
flows trough the tubes of ACC system to undergo the phase change process, superheated vapor
to sub-cooled liquid. Ambient air is used as the cooling medium and therefore, fluctuations of
ambient temperature, Tamb, affect the efficiency of the cycle. The condensed WFs from the two
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streams merge together and are stored in the accumulator. The ORC is closed and runs in an
approximately steady-state condition. The specifications of the ORC and the components are
discussed in the following sections.
2.1. Performance of the pumps
As discussed earlier, two of the pumps are equipped with constant frequency drive (1785
rpm) and one of them is VFD. The dependence of pressure rise of a pump on mass flow rate is
given by a performance curve. For the pumps in the current ORC, these curves are shown in
Fig. 4. As shown, the pressure difference of the pumps are monotonically decreasing functions
of the mass flow rates. A constant frequency drive pump has one degree of freedom (∆P or
m˙WF ). A VFD pump has two degrees of freedom (∆P and m˙WF ). However, once the pumps
get connected to a system, they loose one degree of freedom since they also have to follow the
performance curve of the system. Thus in this pump arrangement herein the only degree of
freedom is the frequency of VFD pump. To obtain another degree of freedom, a flow control
valve is placed before each pump to control the mass flow rate. We did not account for any
pressure drops in the control valves since they are expected to be insignificant. The VFD
system uses approximately 5% more electricity than the constant frequency drive systems. The
isentropic efficiencies of the pumps as a function of the mass flow rate are shown on the right-
hand side axis of Fig. 4. Although the isentropic efficiency of each pump is affected by the
mass flow rate and the drive frequency of the pump, considering the low parasitic work of the
pumps in this system, this effect can be ignored. The value of W˙p for the VFD pump has a
dependence on both m˙WF and fp, but for the constant frequency drive pumps, the work is only
a function of m˙WF .
2.2. Heat transfer coefficients and pressure drops
For each heat exchanger (HX), a HeatX model (Aspen Plus) is used to perform mass and
energy conservation analysis. The interval analysis is used for LMTD (Log mean temperature
difference) calculations. The area of each HX is given as an input to the model. Two approaches
13
0 200 400 600 800 1000 1200
250
300
350
400
450
500
550
1500 rpm 1785 rpm
1400 rpm
1500 rpm
1600 rpm
1700 rpmHe
ad
 (m
)
Flow rate (m3/hr)
1785 rpm
0 200 400 600 800 1000 1200
0
20
40
60
80
100
 E
ffi
cie
nc
y (
%
)
Figure 4: The performance curves of the pumps considered in this study at several drive
frequencies are shown. On the left-hand axis, the head of the pump and on the right-hand
axis the isentropic efficiencies of the pumps are shown as a function of the mass flow rates.
The drive frequencies are given as the labels.
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are considered to model the heat exchangers. In the first approach, the available correlations for
heat transfer coefficients in the literature are implemented directly into to the simulator. These
correlations are given in the Appendix. In the second approach, Aspen Heat exchanger and
rating software is used to develop the EDR models. The geometry of the heat exchangers and
the fluid properties are the inputs to this software. The specification of the heat exchangers are
tabulated in Table 4 in the Appendix. The output of Aspen Heat exchanger and rating software
is an EDR file given as an input to the Aspen Plus simulator. This approach is computationally
expensive, since in each iteration, the EDR file is read by the simulator and the heat transfer
coefficients are recalculated. There is a good agreement between the results of two approaches.
Thus, to facilitate the modelling and optimization of the ORC, the first approach is chosen for
the rest of study.
2.3. Isentropic efficiency of turbine
For a turbine with given stage pitch diameter and turbine rotational speed, the isentropic
efficiency is a function of volumetric flow rate of WF and enthalpy drop through the turbine
[24]. The isentropic efficiency of the turbines is obtained from manufacturer data. For these
turbines, the maximum value of ηs is 86 %. However, as discussed in the following, deviations
of operating condition from this maximum adversely affects the performance of the turbine
and consequently ηs. This deviation can be expressed as a function of ratio of enthalpy drop
(rT ) and ratio of volumetric flow rate (rV T ) [24]. For the considered turbine in this study, the
dependence of ηs on these parameters is written as
rT =
√
(h4 − h5)/(h4 − h5)max
rh = ([(1.398rT − 5.425)× rT + 6.274]× rT − 1.866)× rT + 0.619, (2)
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where hI , (I=1..6) denote the enthalpies of the state shown in Fig. 2 and
rV T = (V˙ )/(V˙ )
max
rv = ([(−0.21rV T + 1.117)× rV T − 2.533]× rV T + 2.588)× rV T + 0.038. (3)
Then, the isentropic efficiency of the turbine can be expressed as
ηs = 0.86× rh × rv (4)
Also by its definition, ηs can be expressed as
ηs =
h4 − h5
h4 − hs5
(5)
If for a turbine, inlet and outlet states are fixed during an operation, assumption of constant
ηs holds. However, for most of the operating turbines in ORCs, condensation systems are of
air-cooled type and thus the condenser pressure is significantly affected by air temperature and
consequently the performance of the turbine varies a lot. Hence, assumption of constant ηs does
not resemble real performance of turbine. For instance, the isentropic efficiency of the turbine
considered in this study with a fixed inlet condition is plotted as a function of outlet pressure in
Fig. 5. Dependence of the power of turbine on the outlet pressure is also included in Fig. 5. As
shown, there is an optimum pressure for the maximum power output of turbine. Deviation from
this pressure affects the power of turbine adversely. This effect is more remarkable at low outlet
pressures of turbine. In contrast, if the isentropic efficiency is constant, a monotonic increase in
power output as the outlet pressure decreases is obtained. Thus, a constant isentropic efficiency
is not only quantitatively wrong, but gives qualitatively different results; to simulate the actual
performance of a turbine, the correlation of isentropic efficiency should be implemented in the
model.
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Figure 5: The isentropic efficiency curve of the turbine considered in this study is shown as a
function of the outlet pressure on the right-hand side axis. This turbine is designed for an
ORC with Isobutane as its WF. This curve is calculated for a fixed inlet state: m˙WF= 201.60
kg/s, T4=101.11  and P4=1654.74 kPa. Also, the corresponding power of turbine is shown
on left-hand side axis. Note that the maximum in isentropic efficiency and power output are
obtained at different outlet pressures.
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2.4. Air-cooled condensers (ACC)
As pointed out earlier, the ACC system consists of two parallel banks. A discussion on the
number of fans in each bank will be presented later. The exhaust WF from each recuperator,
is split between bays and passes through three fans in series. At the outlet of the ACC system,
the WF must be in a liquid state. A value of 0.625  sub-cooling is specified to satisfy this
requirement. The heat transfer coefficients and the pressure drop across the ACC is determined
by the procedure discussed above (Section 2.2). The ACC system is modelled with two sets of
three condensers that each represent a row of 21 fans. In the current model, the surface areas
of the ACCs are fixed.
2.5. Implementation of the design and operation
For the given design in Fig. 3, the characteristics of the components of the system are ob-
tained and implemented in the model. These characteristics along with the operation strategies
determine m˙WF , T5 and P5 (see Fig. 2(a)) Two operation strategies will be considered: the base
case (i.e., the current operation) and the optimal operation.
The m˙WF in the ORC is such that the value of superheat after the vaporizer is equal to the
pre-specified value, 8  in the base case. The value of T5 is determined once the correlation
for ηs is included in the model. This correlation suggests that for a given (T4,P2), once P5 is
obtained, ηs is fixed and it determines the value of T5 by an iterative procedure. The iteration
scheme used is Bisection method. After guessing T5, the right hand sides of Eq. 2 to 4 are
evaluated. The iteration is repeated until ηs calculated in Eq. 4 matches that in Eq. 5. Two
sets of specifications are introduced to determine P5. The cooling capacity of the ACC system
is a function of Tamb and frequency of the fans (ff ). First it is defined that for a given cooling
capacity of ACC, P5 is such that the WF after the ACC has 0.625  subcooling. The cooling
capacity of the air-cooled condensing system is limited and it cannot provide any desired value
of P5. As remarked above, Fig. 5, the power output of the turbine has an optimum at a
specific value of P5. Thus, if possible, one should operate the system at this optimum point.
However, this type of operation can only be achieved if Tamb and ff provide the possibility
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to have sufficient cooling capacity without disporportionate parasitic load. To introduce the
second set of specifications in the model, we have divided the operation of the system to two
regions based on the determined value of P5 from the first specification. For a given Tamb, if
P5 ≤ Popt at the maximum load of the fans (maximum ff ), the cooling capacity is lowered
to keep P5 = Popt. Otherwise the ACC system works at the maximum load. The adjustment
to the cooling capacity of the ACC system is achieved by the incorporation of VFD fans in
this model. The flow rate of air through the fans can be determined once the performance
curves of the fans are available. These performance correlations are included in the model via
design specifications in AspenPlus. By using these correlations, for a specific ff , and given air
densities in the inlet and outlet of the ACC, the mass flow rate of the air can be determined.
Once these design characteristics and operation strategies are introduced, two sets of cal-
culator blocks are introduced in Aspen Plus. The first set determines intermediate variables
needed to be supplied to the simulator. These include the air flow rates through fans, the heat
transfer coefficients and the pressure drops. The total flow rate of air can be obtained from
the given correlations of fans. The introduced correlations for the heat transfer coefficients
and the pressure drop are introduced as calculator blocks for each component. The second set
of calculator blocks is used to post-process the results, i.e., to determine the mass flow rate
through each pump, parasitic work (W˙pa) and efficiencies of the ORC.
Since the sequential modular approach is used to simulate the system, the loops in the ORC
(Fig. 3) are replaced by tear streams. At the two side of the tear streams, two independent
thermodynamic variables (here, pressure and temperature) must be equal. This condition for
each tear stream is included in the design specifications. Three convergence blocks are defined:
in the first block, all the design specifications pertaining to the ACC system and the outlet
pressure of turbine (P5) are included to be converged together; in the second one, it is specified
that the two parallel inlet streams (Liquid streams) to the recuperators are converged together;
and in the last block, it is specified that two tear streams exiting the recuperators (Liquid
streams) are converged together.
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3. Model validation and analysis of the operation
The values of Tamb, TBRS−1, TBRS−3, m˙br and P2 are the input parameters to the model. Once
these values are specified, the model determines the thermodynamic states of WF through the
cycle, the net power output (W˙net) and the efficiencies based on the operation strategy selected.
Note that the parasitic power of brine production and reinjection pumps are also included. A
set of approximately 5000 data points from the power plant (ENEL) is obtained that includes
the net power output and the thermodynamic state of WF at various points in the cycle. This
set of data is used to validate the developed model and the comparison is shown in Fig. 6 as a
function of Tamb. In this figure, one can distinguish two regions for the power output of turbine.
When Tamb is less than 1.7 , the net power output of the plant is approximately constant.
In this region, as discussed above, ff of VFD fans are adjusted to keep P5 constant. If Tamb is
more than 1.7, all the fans are working at the full load and the cooling capacity of the system
governs P5 and consequently W˙net. In this set of measured data, there are some off-operation
points, i.e., points that do not follow the operating strategy. These points offer lower values of
the net power output compared to the base-case operations. These points are caused by the
interruptions in the performance of the ORC, e.g. replacement of turbine gaskets.
The developed model is examined further by evaluation of thermodynamic properties of
the WF at intermediate states. The measured outlet temperature of GB is compared with the
values predicted by the model and shown in Fig. 7.
In a geothermal binary plant, the brine provides thermal energy to the ORC and it is dis-
charged to wells afterwards. The geothermal brine is an aqueous solution of various minerals.
Depending on the temperature and pressure of the brine, these components can precipitate
and/or form other phases. The new phases are in the form of solid precipitate in the heat ex-
changers (causing fouling) which adversely affect the heat transfer rates. Thus, the temperature
and pressure of brine should be kept in a range that liquid solution is the only thermodynamic
stable phase. For the considered system, the outlet temperature of GB should be no less than
60  before discharging to the wells.
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Figure 6: The simulated values of W˙net (line) are compared with the measured ones (dots).
The measurements are divided in to two categories: the measurements in the base-case
operation with a good agreement with the simulated values and the off-operation
measurements. These off-operation data are measured during the maintenance of one of the
turbines and thus give lower values of W˙net at a given Tamb.
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Figure 7: The simulated values of outlet temperature of GB (line) is compared with the
measured ones (dots). For a fixed operation, the value of thermodynamic properties should be
constant for a given Tamb. However, due to off-operation and error in the measurements,
different values of TBRS−3 are measured for a given Tamb. On the base-case operation, the
simulated results represent the measured data with a good accuracy.
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The performance of the cycle is evaluated based on thermal and geothermal efficiencies (first
and modified second law efficiencies). The thermal efficiency (Eq. 1) may be rewritten as
ηI =
W˙net
m˙GB × (hGBin − hGBout )
, (6)
and geothermal efficiency (modified Eq. 1) may be defined as
ηII,g =
W˙net
m˙GB × (XGBin −XGBmin)
, (7)
where XGBin and X
GB
min denote the inlet exergy and minimum outlet exergy before reinjection to
the wells, respectively. The values of ηI , ηII,g and ηs of turbine for a range of Tamb are shown
in Fig. 8 for base-case operation. The ηI of the ORC varies in the range of 1-11 %. When
Tamb ≤ 1.7 , the inlet and outlet state of the turbine is fixed (P5 is kept at the optimal value
for maximal ηs of turbine); thus ηI is approximately constant. Note that although the parasitic
work of fans increases monotonically as a function of Tamb in this range, its contribution is
negligible in W˙net. At Tamb ≥ 1.7 , although the inlet state of the turbine is fixed, the outlet
state is affected by the cooling system and ηI is a monotonically decreasing function of Tamb.
With respect to ηII,g, there is an optimum at Tamb= 1.7 . The available exergy to the system
(XGBin − XGBmin) is a monotonically decreasing function of Tamb based on exergy formulation.
When Tamb ≤ 1.7 , the value of W˙net is constant, and thus ηII,g decreases. For Tamb ≥1.7 ,
ηII,g is a decreasing function of Tamb, since W˙net is the dominant parameter in ηII,g. Concerning
ηs, there is a maximum at Tamb ≈ 10 . This maximum corresponds to the maximum of ηs in
Fig. 5.
In conclusion, the comparison of model prediction with the measured data from the existing
plant validate the developed model. Note that no parameter fitting was performed. The
developed model is used in the next section for the optimization by altering the operation
strategy.
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Figure 8: For the considered ORC in Fig. 3, the values of ηI , ηII,g and ηs of turbine for a
range of Tamb at the base-case operation are shown. The ηI and consequently W˙net of the
system offer maximum values at low ambient temperatures.
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4. Effect of number of fans on optimal performance
There are some possibilities to boost the performance of the system. One of the constraints
on the output power of the system is caused by the design of the ACC system. It is found that
P5 is a function of cooling capacity of the ACC system. If Tamb is more than 1.7 , P5 is fixed
for a given Tamb and it limits the value of the net power output of the ORC. One approach for
releasing this constraint is to increase the cooling capacity of the ACC system by incorporating
more fans in the system. This idea is explored (to disclose the effect of ACC system on the
cycle performance and as a benchmark for optimization of operation) by introducing one or
two more fans in each bay. Although by taking this approach the parasitic load (W˙pa) in the
system will be increased, this increase is very small compared to the increased turbine power
output. For comparison, also the case of reducing the number of fans to two is considered. The
findings are shown in Fig. 9. When Tamb is less than 1.7 , the extra fan in each bay has no
contribution and should be turned off. However, when Tamb is more than 1.7 , introducing
more fans and raising the cooling capacity of the system shows a major contribution to the
power output of the ORC. For instance, at Tamb=32.2, systems with 4 and 5 fans in each bay
offers 49% and 77% increase in the W˙net, respectively. The optimal number of fans depends on
the capital cost and can only be determined by a thermoeconomic analysis. The goal herein is
to achieve similar increase in performance for high ambient temperatures for a fixed design by
optimizing the operation.
5. Optimization of the operation of the ORC
Once the model is validated, the model is examined to obtain the optimum operating
parameters and strategy for the system. As discussed above, if depletion of a geothermal
source is ignored, one can consider the source as a continuous stream of thermal energy. Thus,
as long as the minimum outlet temperature and pressure of brine are satisfied, the maximum
power output of the system (more important) with minimal flow rate of brine is favorable. In
the current study, the mass flow rate of brine is assumed constant. Thus, the maximum power
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Figure 9: The performance of the ORC in different configurations of the ACC system are
compared: two, three, four and five fans in each bay. The results suggest that increase in the
cooling capacity of the system can significantly affect the performance of the system at high
Tamb.
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output of the system is chosen as the objective function. The net power of the ORC is the
power produced by the turbines subtracted by the parasitic work of the system. The parasitic
work of the system which includes the work of the pumps and the fans of ACC may be written
as
W˙pa = W˙
WF
p (m˙
WF ) + W˙f (V˙air, ff ) + W˙
GB
p (m˙
GB) (8)
and,
W˙net = W˙tu(m˙
WF , T4, P4, T5, P5)− W˙pa(m˙WF , V˙air, ff , m˙GB) (9)
Six constraints are applied by the current design of the ORC. First, P5 is limited by the
design of the ACC system, P5 = P5(Tamb, ff ). Secondly, the isentropic efficiency of the turbine
correlates the inlet and outlet states of the turbine, g(m˙WF , T4, P4, T5, P5) = 0. Thirdly, the
pinch at the vaporizer correlates the mass flow rate of WF and superheat after the vaporizer,
m˙WF = m˙WF (T4, P2). Fourthly, the volumetric flow rate of air through the ACC system
depends on the ambient temperature and the drive frequency of the fans, V˙air = V˙air(Tamb, ff ).
Fifthly, the value of P4 is determined by P2 and pressure drop through the components which
is a function of m˙WF . Finally, the WF at the inlet of turbine should be in a superheated state.
The optimization problem can be formulated as
max
m˙WF ,T4,P2,T5,P5
W˙net(Tamb, m˙
WF , T4, P2, T5, P5, V˙air, ff , m˙
GB)
s. t. P5 = P5(Tamb, ff )
g(m˙WF , T4, P4, T5, P5) = 0
m˙WF = m˙WF (T4, P2)
V˙air = V˙air(Tamb, ff )
P4 = P4(m˙
WF , P2)
T4 ≥ T sat(P4)
(10)
This problem is a parametric optimization in terms of Tamb. For this optimization problem,
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one can reformulate the problem and redefine the feasible set by implementing some of the
constraints as design specifications in the model, i.e., solving for them at the simulation level.
The approach for redefining the feasible set is successfully used in [25] as well. For the problem
at hand the taken approach helps to solve the problem without need for optimization. The first
constraint represents the effect of the cooling capacity on P5. As discussed in the modelling
section, this constraint can be implemented as two sets of design specifications. The second
constraint represents the performance of the turbine. For a given volumetric flow rate, the
ηs correlation of the turbine relates the thermodynamic state of the inlet and outlet of the
turbine. In the design specification section, it is defined that for a given state 4 (T4,P4) of the
WF and P5, the value of T5 should be such that to satisfy the equation of ηs of the turbine. This
equation is implemented as a FORTRAN code into the model. The third constraint specifies
m˙WF . In the current configuration of the ORC with the given surface area of heat exchangers,
the value of m˙WF depends on the thermodynamic state of WF at state 4. For a given P2 and
a pre-defined value of superheat, m˙WF should be adjusted to satisfy the conservation of energy
in the heat exchangers. Although ff is a DOF in this problem, for the current design, it is only
a variable at low ambient temperatures. When Tamb ≥ 1.7 , the optimal value of ff is the
maximal, 242 rpm. However, when Tamb ≤ 1.7 , ff can be considered as a DOF. The optimal
value of ff at the low ambient temperatures will be discussed later. Consequently, for a given
Tamb, V˙air is considered fixed. Also, the value of m˙
GB is fixed in this system. Instead of T4, the
value of superheat at state 4 is defined as a new variable, ∆Ttu ≥ 0. This modification to the
independent variables guarantees that the last constraint is satisfied. Hence, by transferring the
constraints to the design specification section, one can reformulate the optimization problem.
By implementing these design specifications, the optimization problem can be written as a
box-constrained optimization problem
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max
∆Ttu,P2
W˙net(Tamb,∆Ttu, P2)
s. t. ∆Ttu ≥ 0
1792 ≤ P2 ≤ 2137 kPa
(11)
The range of P2 is based on the performance curve of the pumps. For a given drive frequency
of pump, maximal P2 corresponds to the minimum in the flow rate of WF through each pump
(to have a continuous stable flow) and minimal P2 is given by the maximum flow rate of WF
through the pump. For the specified range of P2, the mass flow rate of WF is implied to be in
the range of 273-1000 kg/s.
Two approaches are used to solve this optimization problem. In the first approach, the
feasible set is discretized, i.e., the optimization problem is solved with the brute force method.
This approach guarantees the approximate global solution of the problem and shows that the
objective function is unimodal. In the second approach, the SQP optimizer built-in in Aspen
Plus is used which solves for a local solution of the problem. Since the objective function is
unimodal, the SQP local solver gives the same solution as the discretization approach.
5.1. Optimization results
At the ambient temperature of -1.11 , the optimization problem is solved with the first
approach and the results are shown in Fig. 10. This figure suggests that the maximum value of
W˙net is reached if the turbine inlet (state 4, Fig.2), corresponds to the saturated vapor at the
maximum feasible pressure. This result is in agreement with [6], but also demonstrates that
the current operation is not optimal.
The net power produced at the optimum point is 3.8% more than the current operating
condition. Furthermore, the value of efficiencies as a function of independent variables are
shown in Fig. 11. The results suggest that ηs is almost independent of superheat condition and
an increasing function of pressure. As discussed, at a given Tamb, ηII,g only depends on W˙net
and is maximum when the power output is maximum. In contrast, ηI shows a maximum at
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Figure 10: The value of the net work as a function of the two independent variables, ∆Ttu and
P2 is shown for ambient temperature of -1.11 . The contour of the objective function is
plotted on the X-Y plane.
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Figure 11: The values of ηI , ηII,g, and ηs of turbine are shown as functions of the two
independent variables at Tamb=-1.11 . The colored mesh represents the magnitude of the
efficiencies.
the maximum feasible ∆Ttu and P2, i.e., its maximum does not coincide with the maximum of
W˙net.
The optimization problem is also solved for the ambient temperature of 26.7  and the
results are shown in Fig. 12. For this high ambient temperature, the maximum of the net work
is attained when state 4 is placed at the maximum feasible pressure and close to maximum
superheat. This finding is in contrast to the previous works in the literature [6, 18] which
claimed that maximal net work of ORC is obtained for no superheat at the turbine inlet. The
value of objective function in this case can be increased by 30.6% if the operating conditions
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Figure 12: The value of the net work is plotted as a function of the two independent variables
for Tamb=26.7 . The maximum is attained close to the boundary of the feasible set. Note
that the maximum occurs close to the different corner of the feasible set compared to Fig. 10.
are moved to the optimum point. Furthermore, the values of ηI , ηII,g, and ηs of the turbine for
the case of Tamb=26.7  is shown in Fig. 13.
The comparison of the optimal conditions for the two temperatures is of importance. Al-
though the maximum of the objective function occurs at the maximum value of feasible pressure
in both cases, the values of optimal superheat differ in these cases. These results suggest differ-
ent optimum operation strategy based on Tamb. The presented results suggest that depending
on Tamb, the ORC should be operated by different rules. This finding is investigated further
by determining the objective function at the maximum feasible P2 for a range of ∆Ttu as a
function of Tamb. The results are shown in Fig. 14(a). The values of ∆Ttu are included for
some optimum conditions. Note that for Tamb ≤ 10 , the optimal ∆Ttu is zero; for Tamb >
10 , optimal ∆Ttu increases continuously with Tamb and finally reaches to a plateau given by
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Figure 14: (a) The optimum values of objective function are compared with the base-case
operations as a function of Tamb. The value of P2 for optimal operation is shown and the value
of ∆Ttu is indicated for some optimum conditions. As mentioned above, the value of ∆Ttu for
the base-case is 8 . Note that at high Tamb, the value of ∆Ttu is limited by the inlet
temperature of brine in the vaporizer. (b) The percentage increase in the net power output of
the system compared to the base-case operation is shown. Note that at high Tamb, optimal
operation of the system offers a significant increase in the net power output.
the inlet temperature of brine in the vaporizer. The percentage increase in the power output
of the ORC is defined as
∆W˙net =
W˙Optnet − W˙net
W˙net
× 100
The values of ∆W˙net as a function of Tamb are shown in Fig. 14(b). Note that at high ambient
temperatures, optimal operation offers up to 19% more W˙net compared to the case of four fans
in Fig. 9. In other words, a simple change in operation can give higher benefits, than adding
cooling capacity, which involves substantial capital costs.
If one compares the ηs curves presented in Figs. 11 and 13, one finds that ηs is independent of
∆Ttu in Fig. 11 (low Tamb) and a monotonic increasing function of ∆Ttu in Fig. 13 (high Tamb).
When ηs is constant, maximal power generation is achieved by keeping the inlet condition of
turbine at the vapor saturation line as suggested by the previous studies [6, 18]. However, when
ηs is not constant (affected by cooling capacity of ACC), the optimal operation of the system
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Table 1: The properties of the streams at optimal operation for ∆Ttu=32  and P=2137 kPa
at Tamb=26.7  are presented.
Stream Fluid T P m˙ VFrac h
 kPa kg/s kJ/kg
IBL-1 Isobutane 39.5 532.6 1426 0 -2632
IBL-3 Isobutane 39.5 532.6 475 0 -2632
IBH-1 Isobutane 40.7 2137 475 0 -2628
IBH-4 Isobutane 40.7 2137 713 0 -2628
IBH-6 Isobutane 69.3 2126 713 0 -2553
IBH-8 Isobutane 69.3 2127 1426 0 -2553
IBH-9 Isobutane 102.0 2061 1426 0.084 -2437
IBH-10 Isobutane 132.2 1994 1426 1 -2164
IBL-6 Isobutane 93.5 541 713 1 -2213
IBL-8 Isobutane 56.2 540 713 1 -2288
IBL-10 Isobutane 40.4 537 713 0.68 -2418
IBL-11 Isobutane 40.3 535 713 0.31 -2534
Air1 Air 26.7 87.9 6478 1 1.7
Air2 Air 41.0 87.9 6478 1 16.0
Air3 Air 26.7 87.9 6512 1 1.7
Air4 Air 39.2 87.9 6512 1 14.3
Air5 Air 26.7 87.9 5566 1 1.7
Air6 Air 39.3 87.9 5566 1 14.3
is achieved when ηs is maximum. The table of streams for the optimal condition at Tamb=26.7
 is presented in Table. 1.
To investigate the effect of optimal operation in the total power production of the plant,
we obtained the ambient temperature and power production data for one year (Nov. 2010-
Nov. 2011). The frequency distribution of ambient temperature for one year is shown in
Fig. 15(a). For this time period, the power production in the base-case and optimal operations
are compared and shown in Fig. 15(b). These results suggest that the total power production in
this plant can be increased by 9% by optimal operation of the plant without any modification
of the design. This is a significant improvement in the operation of the plant. Based on the
electricity price data (Fixed price throughout the year) provided by ENEL, we found that the
optimal operation can increase the revenue of the plant by 10.2%. Note that the majority of the
increase is for hot ambient temperature, which are typically correlated with high value/price
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Figure 15: (a) The frequency distribution of the ambient temperature for one year is shown.
(b) The total power production in the base-case operation and the optimal operation are
compared. The optimal operation offers 9% increase in the total power production.
of electricity, and thus the economic benefit is even higher.
As mentioned earlier, ff can be considered as an optimization variable when Tamb ≤ 1.7 .
For this range of ambient temperature, the ACC system does not limit the maximum of W˙net
of the ORC. Thus, the optimal operation is achieved when state 4 is at the saturation vapor
line and the maximum feasible pressure. For Tamb ≤ 1.7 , by fixing state 4, the optimum
value of W˙net is found by considering ff as the optimization variable. The results are presented
in Fig. 16. As shown, at low ambient temperatures, the drive frequency of VFD fans should
be adjusted to obtain the maximum of W˙net.
6. Optimization of the operation of the ORC: A fast shortcut method
In this section an alternative approach is presented to determine the optimal operation of the
ORC at different ambient temperatures assuming constant pinches in the HXs. This approach
is faster and easier to implement compared to the optimization in Aspen Plus. However, it does
not provide a detailed analysis on the different components of the ORC nor it does account for
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Figure 16: The optimal values of drive frequency of VFD fans are shown as a function of
Tamb. when Tamb ≥ 1.7 , all the VFD fans should be kept at the maximum load. However,
when Tamb ≤ 1.7 , the drive frequency of VFD fans should be adjusted to obtain the
optimal values of outlet pressure of turbine and the maximum of W˙net.
all parasitic terms (Pressure drop).
This approach uses the pinch conditions at the vaporizer and the condensers. As an example,
the pinch conditions at the vaporizer+preheater (Fig. 17(a)) and the constant frequency drive
condenser (Fig. 17(b)) for the base-case operation (without optimization) of the studied ORC
at Tamb= 26.7  are presented. Note that the pinches always occur at these points, saturated
liquid point at the vaporizer+preheater and the outlet of the condenser.
The pinch condition at the vaporizer is used to determine the mass flow rate of WF (m˙WF )
in the ORC and the pinch condition at the condenser is applied to determine the condensation
pressure. For a given inlet pressure of WF (P4), the energy balance between the pinch point
and the outlet of the vaporizer gives
m˙GB(hGBin (T
GB
in , P
GB
in )− hGBp (TGBp , PGBp )) = m˙WF (h4(T4, P4)− hp(P4)) (12)
where subscript p denotes the evaluated properties at the pinch point. For a given pinch of
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Figure 17: The pinch conditions at the vaporizer and the condenser for the base-case
operation of the ORC at Tamb=26.7  are shown. These conditions are used to determine the
mass flow rate of WF (m˙WF ) and condensation pressure (P5) in the ORC. Note that due to
the pressure drop in the condenser, the temperature line of the WF is not flat.
∆Tp, one can write
TGBp = T
WF
p + ∆Tp. (13)
In addition, for a pinch point at the vaporizer, TWFp can be determined by the given value
of P4 and expressed as
TWFp = T
sat(P4) (14)
Since for a given geothermal energy source, the values of m˙GB, TGBin and P
GB
in are given, the
left hand-side of the Eq.12 is known. Thus, for a given P4, there are two unknowns in Eq. 12.
For a turbine designed for a specific flow rate and enthalpy drop, there is a correlation between
the independent variables at the inlet and the outlet of the turbine
g(m˙WF , T4, P4, T5, P5) = 0. (15)
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This equation along with Eq. 12 provide two equations with three unknowns, (T4, P5 and m˙
WF ).
Another equation should be added to this system of equations to solve for the unknown variables
and this is the functional dependence of outlet pressure of the turbine to the mass flow rate of
WF.
Once a pinch condition occurs in the condenser, the outlet pressure of the turbine and
consequently the condensation temperature is limited by the outlet temperature of cooling
medium, Fig. 17b. Here, we consider an ACC for the analysis, but this approach can be
applied to other condensers as well. For the pinch condition at the condenser, assuming constant
properties of air, one can write
m˙airCairp (T
sat −∆Tp − Tamb) = m˙WF (∆xhfg + ∆hL) (16)
where ∆x denotes the difference in quality of WF at the inlet and outlet of the condenser and
∆hL the enthalpy change of WF due to subcooling. For a single condenser, the value of ∆x is
1 and for multiple condensers in series, ∆x ≤ 1. At a given Tamb, three assumptions are made
to simplify Eq. 16,
m˙airCairp = Const.
hfg = aP5 + b
T sat(P5) = T
sat(P o5 ) +
(
dT sat
dP5
)
P 05
(P5 − P o5 ) (17)
where P o5 denotes the outlet pressure of turbine at the base-case operation. Approximation of
hfg as a linear function of P5 gives an error of ≈ 0.5 % for the range of P= 270-830 kPa. The
values of a and b are dependent upon the WF properties; for the case herein (isobutane), they
are given in Table 2. Applying these assumptions to Eq. 16, we obtain
(
m˙airCairp
a∆x
)(
T sat(P o5 ) +
(
dT sat
dP5
)
P 05
(P5 − P o5 )−∆Tp − Tamb
)
= m˙WF
(
P5 +
b
a
+
∆hL
a∆x
)
(18)
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or equivalently
P5 =
C1 − C3m˙WF
m˙WF − C2 (19)
where
C1 =
(
m˙airCairp
∆xa
)
× (T sat(P o5 )−
(
dT sat
dP5
)
P o5
P o5 −∆Tp − Tamb) (20)
C2 =
(
m˙airCairp
∆xa
)(
dT sat
dP5
)
P o5
C3 =
b
a
+
∆hL
∆xa
Eq. 19 suggests a simple correlation between the outlet pressure of turbine and the mass flow
rate of WF. According to this equation, at a given Tamb, by having base-case operation data
(by Aspen Plus simulator), one can determine the outlet pressure of the turbine based on the
mass flow rate of WF in different operations. This equation should be validated before coupling
with the equations derived above (Eqs. 12 and 15). In the geothermal system studied above,
the last air-cooled condenser is chosen to examine Eq. 19. For three ambient temperatures,
Tamb=10, 21.11 and 37.77 , the value of C1, C2 and C3 are determined from a simulation of
base-case operation. These values are tabulated in Table. 2. We note that the value of C1 is
sensitive to the T sat(P o5 ) and ∆Tp. Thus, to keep high accuracy in the predictions, the value of
C1 is determined by the given values of P
o
5 and m˙
WF at the base-case operation. The predicted
outlet pressure of turbine as a function of mass flow rate by Eq. 19 and the simulated values
by Aspen Plus are compared and shown in Fig. 18. There is a good agreement between the
predicted outlet pressure of turbine with the simulated values, Fig. 18.
Equation 19 is considered with Eqs. 12 and 15 to form a system of equations for a given T4
and P4 (or ∆Ttu and P4). This system of equations can be solved numerically. Here, we have
used EES software for this calculation, since libraries of thermodynamic properties for different
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Table 2: The constants of Eq. 19 are determined at three ambient temperatures (Tamb=10,
21.11 and 37.77 ). The values of a and b for Isobutane are -0.0844 and 357.3, respectively.
The value of ∆TP is 1 .
Tamb P
o
5 m˙
WF−o m˙air Cairp
(
dT sat
dP
)
P o5
∆x ∆hL C1 C2 C3
 kPa kg/s kg/s kJ/(kgK) K/(kPa) kJ/kg ×10−5
10 384 190.8 1201 1.006 0.0916 0.31 2.3 8.72734 -4229.92 -4321.32
21.11 518 190.51 1154 1.007 0.0731 0.31 2.3 9.53116 -3238.77 -4321.32
37.77 777 191.39 1095 1.007 0.0544 0.31 2.3 11.00868 -2289.85 -4321.32
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Figure 18: The predicted outlet pressures of the turbine as a function of the mass flow rate
from Eq. 19 is compared with the simulated values by Aspen Plus at three ambient
temperatures. Note that the values of mass flow rate can be converted as the values of ∆Ttu
through Eq. 12.
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Table 3: The volumetric flow rate through the pumps for the optimum operating condition at
Tamb=32.2  is presented.
∆Ttu P V˙WF V˙A fr(A) V˙B V˙C
() (kPa) (m3/hr) (m3/hr) (rpm) (m3/hr) (m3/hr)
32 2137 1838 472 1700 682 682
fluids are built in. The value of W˙net of the ORC is expressed as
W˙net = 2× m˙WF (h4 − h5)− W˙pa (21)
For Tamb ≥ 1.7 , parasitic power of the fans is approximately constant and the dependence of
parasitic power of the pumps on the mass flow rate of WF is included in Eq. 21. Thus, by solving
the system of equations discussed above, one can determine the value of W˙net. An iterative
approach is adopted to determine the optimal value of ∆Ttu at a given P4 maximizing W˙net of
the ORC. At the maximum value of P4, for each value of ∆Ttu, the system of equations are
solved and the value of W˙net is compared with the previous values to determine the maximum
point. Note that the developed approach solves Eq. 10 for a given value of P2 at the maximum
value of ff . For Tamb ≥ 1.7 , as discussed above, the value of W˙net remains constant. The
results of this approach are compared with the optimization results from Aspen Plus in Figs.
19 and 20. There is a good agreement between the results obtained by these two independent
approaches. The difference is related to the pressure drop effect considered in Aspen Plus
model. The advantage of the new approach implemented in EES is a much shorter convergence
time. However, the new approach is not as detailed as optimization in Aspen Plus and cannot
provide values of thermodynamic properties in the intermediate states.
Once the optimum operation rules are found, one can use Fig. 4 to find the flow rate through
each pump. For the case of Tamb=32.2 , the flow rates through each pump is tabulated in
Table. 3.
Since geothermal sources are depleting over time, one could take the depletion rate of the
geothermal source (m˙GB and TGB) into account. The optimal operation depends on the TGB.
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Figure 19: The maximum value of W˙net at P4=2137 kPa is determined by two approaches;
detailed model in Aspen Plus and shortcut approach implemented in EES. The difference is
related to the pressure drop effect considered in Aspen Plus model. Note that method 2 has
much shorter convergence time.
The model implemented in EES is used to determine the new optimal operation. When the
brine temperature drops by 5 , the maximum drop in W˙net of the system occurs at high
ambient temperatures (up to 15%).
7. Conclusions
For an existing ORC equipped with an ACC system and utilizing a low temperature geother-
mal source, a simulator has been developed in Aspen Plus. This simulator includes the actual
characteristics of all the components of an existing cycle. The simulator is validated with a
set of approximately 5000 measured data. The simulator suggests that at high ambient tem-
peratures, the net power output of the ORC is limited by the capacity of ACC system. This
limitation could be mitigated by incorporation of more fans in the ACC system or by better
operation strategy. We found that optimal operation strategies provide the same scale increase
in net power (up to 117 %) as incorporation of more fans in the ACC system. The former
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Figure 20: The optimal values of ∆Ttu determined by two independent approaches are
compared at different Tamb. The agreement between the results suggest that the second
approach which is faster can be used instead of optimization by Aspen Plus to determine the
optimal operation. However, the second approach is not as detailed as the first approach.
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is clearly favorable since it does not require additional capital cost expenditure. The overall
increase in electricity generation (MWhr) over the course of a year is ≈ 9 %, with most of the
increase for high ambient temperature, i.e., at times where electricity is more valuable.
The operation of this ORC is optimized maximizing the net power output of the ORC.
The optimal operation suggests that at low ambient temperatures, the inlet of turbine should
be in a saturated vapor state and the maximum feasible pressure as suggested by previous
studies [6, 18]. However, interestingly, as the ambient temperature increases, this conclusion
does not hold anymore and a significant superheat is required to obtain the maximum in net
power output of the ORC. This is consequence of the off-maximum operation of the turbines
and consequently variable isentropic efficiency. As expected, at high ambient temperatures,
the ACC system should be at full capacity for the optimal operation, but at low ambient
temperatures, the cooling capacity of the ACC system should be adjusted to obtain the optimal
operation.
A shortcut approach is developed to determine the optimal operation of an ORC and im-
plemented in EES. This approach is based on the pinch conditions at the vaporizer and the
condenser and isentropic equation of the turbine; it has much shorter convergence time com-
pared to the Aspen Plus simulator, but requires some of the base-case operation data simulated
in Aspen Plus. The results of this approach are in a good agreement with the ones obtained
by Aspen Plus simulator. From the pinch condition at the condenser, for a given condensation
system, a simple explicit formula is derived that correlates the outlet pressure of the turbine to
the mass flow rate of WF in an ORC. This formula is validated by the results from the simu-
lations. This formula can be applied to other condensation systems once the characteristics of
the condenser are known.
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Figure 21: A layout of tubes in a Shell and tube heat exchanger is shown. The geometrical
dimensions of the heat exchangers in the studied system are listed in Table 4.
Table 4: The dimensions of the heat exchangers
Component Type Material L Ds Do t NT PT B
mm mm mm mm mm mm
Recuperator Shell and tube C-Steel 5486.4 1981.2 31.75 2.11 2060 39.69 600.08
Preheater Shell and tube C-Steel 17678.4 1990.7 15.88 1.65 6137 20.64 1574.8
Vaporizer Shell and tube C-Steel 15849.6 1930.4 15.88 1.65 5180 20.64 1936.75
ACC Tube C-Steel 18288 – 31.75 2.11 6930 69.85 –
Fin Al 63.5 1.90 0.41 31.75
8. Appendix
For the tube side of the heat exchangers including recuperators, preheaters, and vaporizers,
the flow is a single phase. Thus, the heat transfer coefficient may be determined using Sieder-
Tate and Hausen equations:[26]
For Re > 104
Nu = 0.023×Re0.8 × Pr0.33 ×
(
µ
µw
)0.14
. (22)
The pressure drop in the tubes is expressed as the summation of major and minor losses [26–28]
∆P =
fnpLG
2
2ρD
+
αrG
2
2ρ
, (23)
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where the friction coefficient for the turbulent flow in the tubes may be written as
f = (0.790× lnReDh − 1.64)−2, (24)
and for turbulent flow and U-tubes [27]
αr = 1.6np − 1.5.
For the shell side of heat exchangers, the heat transfer coefficient may be expressed as [26]
jH = 0.5
(
1 +
LB
Ds
)
(0.08×Re0.6821 + 0.7×Re0.1772)
Nu = jHPr
1/3
(
µ
µw
)0.14
, (25)
and the pressure drop on shell side of heat exchangers can be expressed as [26, 27]
∆P =
fG2sDs(NB + 1)
ρDe
(
µ
µw
)0.14 + 0.75NsG2nρ , (26)
where
De =
4(βP 2T − piD20/4)
piD0
. (27)
The value of β for square and triangular pitches are 1 and 0.86, respectively. The above
correlations are for a single-phase flow. Once a phase change occurs in the heat exchangers, the
transport of thermal energy depends on the thermodynamic states of all the present phases.
For the boiling on the horizontal tubes, one may use Mostinski equation [29]
hc,nb = 1.167× 10−8P 2.3c ∆T 2.333w F 3.333p , (28)
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where
∆Tw = Tw − T sat
Fp = 1.8P
0.17
r + 4× P 1.2r + 10× P 10r
For this case, some other empirical correlations exist [26]. Once there is a tube bundles in a
heat exchanger, the heat transfer rate will be increased. This enhancement is caused by the
convective circulation within and around the tube bundles. The recirculation is of buoyancy
driven convection type and is driven by the density difference between the liquid surrounding
the bundle and the two-phase mixture within the bundle. The increase in heat transfer rate
can be determined by correlation suggested by Palen [29] and may be written as
hc,b = hc,nb × Fb + hc,f (29)
hc,f = 250,
where
Fb = 1 + 0.1
(
0.785Db
C(PT/Do)2Do
− 1
)0.75
,
where C is 0.866 and 1 for triangular and square layouts, respectively. For the condensation in
horizontal tubes, one may use the Shah correlation [26] that can be written
hc = 0.023× C ×Re0.8L × Pr0.4L
κL
Di
C = (1− x)0.8 + 3.8x0.76(1− x)0.04 × (P/Pc)−0.38. (30)
For the air-side of ACC, heat transfer coefficient in the case of tube banks with three or more
rows of tubes on triangular pitch and ATot
Ao
≤ 50 can be written as [26]
Nu = 0.38×Re0.6Pr1/3
(
Atot
Ao
)−0.15
. (31)
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Once the heat transfer coefficients, for both sides of tubes are determined, the overall heat
transfer coefficient for the heat exchangers may be written as
UD =
([
Do
hc,iDi
+
Doln(Do/Di)
2× κ +
1
hc,o
]−1
+RD
)−1
(32)
For ACCs, the overall heat transfer coefficient may be written as [26]
UD =
[(
1
hc,i
+RDi
)
Atot
Ao
+
Atot ln(Do/Di)
2piκtubL
+
Atotln(Do,sl/Di,sl)
2piκslL
]
+ (33)[
RconAtot
piDoL
+
1
ηwhc,o
+
RDo
ηw
]
This correlation is introduced for bimetallic tubes. If the tube and fin are made of a same
material, the term pertinent to sleeve should be ignored. For the sake of convenience, in this
study, the contact resistance is ignored.
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